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Abstract - The increasing heat generation density of modern 
electronic devices necessitates advanced cooling technologies to 
maintain reliability and prevent performance degradation. A 
recently developed thermal device, the Meander-shaped Low-
Fill Heat Pipe (MLFHP), features a meandering open-loop 
channel and operates effectively at extremely low filling ratios 
below 10 vol.%, unlike conventional pulsating heat pipes. While 
previous studies have demonstrated its superior temperature 
uniformity under natural air cooling, its performance under 
high heat flux conditions and different cooling environments has 
not been fully clarified. In this study, the heat transport 
characteristics of an MLFHP were experimentally investigated 
under three cooling conditions: natural air cooling, forced air 
cooling, and water cooling. The effects of filling ratio, air 
velocity, and cooling water flow rate on thermal performance 
were examined. Thermal resistance and heat transfer 
coefficients were evaluated using measured temperature 
distributions and heat input data. The results showed that the 
MLFHP at a filling ratio of 10 vol.% achieved significantly lower 
thermal resistance than at 50 vol.% under natural air cooling, 
with a minimum value of 0.16 K/W—approximately 80% lower 
than that of the conventional case. Under forced air cooling, 
increased air velocity enhanced tolerance to high heat flux but 
induced temperature oscillations in the heating section due to 
excessive condensation and liquid retention in the cooling 
section. Similarly, under water cooling, higher flow rates raised 
the maximum allowable heat flux by about 19%, although 
pronounced temperature fluctuations appeared at elevated 
heat inputs. These findings indicate that excessive cooling can 
destabilize liquid circulation within the channel despite 
improving heat flux tolerance. Overall, this study demonstrates 
that the MLFHP exhibits excellent heat transport capability at 
low filling ratios, making it a promising thermal management 
solution for compact, high-power electronic devices. The results 
also highlight the importance of optimizing cooling conditions 
to balance effective heat removal and stable operation. 
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1. Introduction 
In recent years, the heat generation density of 

electronic components has rapidly increased as 
electronic devices have become increasingly compact 
and powerful, which far exceeds the limitations of 
conventional air convection cooling [1]. This high heat 
flux elevates chip surface temperatures, leading to 
reliability degradation and potential failures, thereby 
limiting further performance enhancement of electronic 
devices [2]. To handle such thermal issues, various types 
of heat pipes, which utilize the phase change of a working 
fluid filled inside to transfer heat, have long been 
employed [3], [4], [5], [6], [7], and [8]. 

However, conventional heat pipes are subject to 
several operational limitations such as capillary action, 
sonic limit, entrainment phenomenon, and boiling limit. 
These constraints become particularly critical when 
applying heat pipes to the cooling of miniaturized 
electronic devices. To overcome these issues, Akachi [9] 
proposed the pulsating heat pipe (PHP) in 1990. A PHP 
consists of a single narrow tube that loops between the 
heating section and cooling section, with a certain 
amount of working fluid filled inside. As the working 
fluid repeatedly evaporates in the heating section and 
condenses in the cooling section, it enables latent heat 
transfer through phase change and sensible heat transfer 
through self-excited oscillations of the fluid. Since PHPs 
transport liquid by self-excited oscillations of the fluid, 
they require no internal wick structure as in 
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conventional heat pipes, making them promising 
thermal devices for contributing to the miniaturization 
of electronic equipment. 

The thermal performance of PHPs depends on 
several parameters, one of which is the filling ratio of the 
working fluid. Rudresha et al. [10] experimentally 
investigated PHPs using ethylene glycol and reported 
that thermal resistance strongly depends on the filling 
ratio, with the lowest thermal resistance obtained at 
55%. Rahman et al. [11] used acetone and distilled water 
as working fluids and showed that the optimal filling 
ratios were 70% and 50%, respectively, indicating that 
the optimum filling ratio varies depending on the fluid. 
Li et al. [12] showed that the optimum filling ratio for 
ethanol lies between 30% and 50%. They further 
reported that at a filling ratio of 10%, thermal resistance 
was lower than at other filling ratios under small heat 
loads, but under high heat input, insufficient liquid 
supply to the evaporator led to dry-out, the operational 
limit of PHPs. Furthermore, Czajkowski et al. [13] 
conducted experiments under high heat load and 
revealed that water demonstrated superior thermal 
performance compared with acetone and ethanol. With 
respect to cooling conditions, Ahmad et al. [14] 
compared natural and forced air cooling, finding that 
forced convection not only enabled operation under 
higher heat input but also improved the heat transfer 
limit. Shang et al. [15] demonstrated that the use of a PHP 
with an attached heat sink can dissipate a large heat load, 
and that increasing air velocity reduces the heating 
section temperature. Cui et al. [16] explained that the 
large-amplitude temperature oscillations observed 
under forced air cooling (air velocity 1.5 m/s) were 
caused by a cycle in which liquid slugs stagnated in the 
cooling section, driving force was accumulated to push 
fluid through the heating section, and subsequently, a 
rapid liquid movement occurred. Shi et al. [17] 
investigated the effect of cooling water flow rate and 
reported that increased flow rate lowered the cooling 
section temperature but resulted in increased thermal 
resistance. Kim et al. [18] examined PHPs under water 
cooling with constant heat input to the heating section 
and varying cooling section temperatures, and found 
that the length at the cooling section yielding the 
minimum thermal resistance depends on the cooling 
section temperature. 

Recently, a new type of heat pipe with a 
meandering channel similar to PHPs but operating at 
extremely low filling ratios (below 10 vol.%) has been 
developed, namely the Meander-shaped Low-Fill Heat 

Pipe (MLFHP) [19]. Compared with conventional filling 
ratios (50 vol.%), MLFHPs demonstrated lower thermal 
resistance and higher effective thermal conductivity, 
which means improved temperature uniformity. 
Tsutsumiuchi et al. [20] examined the effect of 
installation orientation and revealed that MLFHPs 
maintained high thermal performance not only in the 
horizontal posture but also under top-heat mode. 
Shiokawa et al. [21] conducted experiments using 
alcohol-based single-component fluids (acetone and 
ethanol) and fluorinated inert liquids (FC-72) as working 
fluids for the MLFHP, which had previously only 
demonstrated heat transfer performance when using 
water as the working fluid. 

These previous studies on MLFHPs have been 
conducted under natural air cooling conditions and have 
mainly focused on temperature uniformity. However, 
their ability to suppress temperature rise at hotspots 
under high heat flux has not been sufficiently 
investigated, as sufficient heat dissipation at the cooling 
section is essential to promote liquid supply to the 
heating section and prevent dry-out. Therefore, this 
study aims to clarify the heat transport characteristics of 
MLFHP under different cooling conditions to evaluate 
the thermal resistance of MLFHPs under high heat flux 
conditions. In this study, experiments were conducted 
under natural air cooling, forced air cooling, and water 
cooling conditions at the cooling section. 
 

2. Experimental Setup and Methods 
2. 1. Experimental Setup 

Figure 1 shows schematic diagrams of the 
experimental setup under three cooling conditions: 
natural air cooling, forced air cooling, and water cooling. 
The MLFHP was placed vertically, with the lower part of 
the channel serving as the heating section and the upper 
part as the cooling section. The experimental setup 
consisted of a heating system, a cooling system, a 
measurement system, a vacuum pump system with a 
digital vacuum gauge, and a syringe for filling the 
working fluid. The heating system comprised two 
cartridge heaters and a transformer. The heating load 
from the transformer was supplied to the heating section 
via the copper block into which the cartridge heaters 
were inserted. Under natural air cooling, the cooling 
system was open to the atmosphere. Forced air cooling 
was provided by a fan positioned perpendicular to the 
cooling surface, where heat sinks were attached. Under 
water cooling, cooling water from a high-low 
temperature circulator was circulated through the 
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cooling block. The cooling water flow rate was controlled 
using a flow sensor. The entire system, except for the 
cooling section under air-cooling conditions, was 
covered with insulation material to minimize heat loss. 
In case of water cooling, the water block was also 
insulated. To reduce thermal contact resistance, thermal 
conductive grease was applied at the contact surface 
between the MLFHP and the heater block, as well as 
between the MLFHP and the heat sinks or cooling block. 
The temperatures were measured using K-type 
thermocouples attached to the MLFHP. 

Figure 2 shows a schematic diagram of the test 
section and a detailed view of the channel cross-section. 
The test section was mainly made of aluminum and 
consisted of a flat tube with a total length of 100 mm, a 
width of 48 mm, and a thickness of 2 mm. The flow path 
had a meandering open-loop structure and comprised 28 
square channels, each with a cross-section side length of 
1.26 mm. The inner surface of the flow path was 
chemically treated to prevent the generation of non-
condensable gases. The heating area ratio was fixed at 20 
area %, while the cooling area ratio was varied. The 
figure illustrates the thermocouple positions for the case 
with a 50 area % cooling section. Thermocouples were 
installed along the longitudinal centreline of the MLFHP. 
The thermocouple positions changed according to the 
variation in the cooling area ratio. These measurement 
points were regarded as representative temperatures of 
the entire flow path and were used to evaluate the heat 
transport performance. 
 

 
(a) Natural air cooling. 

 
(b) Forced air cooling. 

 
(c) Water cooling. 

Figure 1. Schematic of the experimental setup. 

 

  
Figure 2. Test part details. 

 
2. 2. Experimental Methods 

The interior of MLFHP was evacuated to a gauge 
pressure below -0.100 MPa using a vacuum pump, and 
the vacuum condition was maintained by closing the 
attached valve. Subsequently, pure water was injected as 
the working fluid using a syringe. Since dissolved air in 
the working fluid could adversely affect the MLFHP 
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operation, the working fluid was degassed beforehand 
using a vacuum pump [22]. The working fluid filling ratio 
(𝐹𝑅) is defined as: 

 

𝐹𝑅 =
𝑉𝑓𝑙𝑢𝑖𝑑

𝑉𝐻𝑃
× 100 [vol. %] (1) 

 
where 𝑉𝑓𝑙𝑢𝑖𝑑  is the volume of working fluid at room 

temperature and atmospheric pressure, and 𝑉𝐻𝑃  is 
internal volume of the MLFHP channels. In this 
experiment, the filling ratio was set to 0 vol.%, 10 vol.% 
and 50 vol.%. 

After filling, power was supplied to the heating 
section from the transformer, while forced air cooling or 
water cooling was applied. The air velocity was defined 
by measuring the radial velocity distribution 𝑢(𝑟) of a 
fan with radius 𝑅 using a hot-wire anemometer and then 
calculating the mixed average air velocity 𝑈 according to 
Eq. (2). 

 

𝑈 =
1

𝜋𝑅2
∫ 2𝜋𝑟𝑢(𝑟)

𝑅

0

𝑑𝑟 =
2

𝑅2
∫ 𝑟𝑢(𝑟)

𝑅

0

𝑑𝑟 [m s⁄ ] (2) 

 
The applied voltage was then increased stepwise 

after confirming that the temperature measured by the 
thermocouples attached to the MLFHP had reached a 
steady state. Steady state was defined as the condition in 
which the temperature fluctuation in the heating section 
over a 5-min period, calculated from a moving average 
with a 1-min window, was within 1 K. For safety reasons, 
the experiment was terminated when the temperature in 
the heating section approached 120°C. 

The experimental parameters are summarized in 
Table 1. In this study, cooling conditions in the cooling 
section were used as the primary parameter. 
 

Table 1. Experimental parameters 
(a) Under natural air cooling. 

Cooling 
method 

Cooling 
section area 

Filling Ratio 

Natural air 
cooling 

50 area % 
50 vol.% 
10 vol.% 
0 vol.% 

(b) Under forced air cooling. 

Cooling 
method 

Cooling 
section area 

Air velocity 

Forced air 
cooling 

70 area % 
0.80 m/s 
1.05 m/s 
1.31 m/s 

(c) Under water cooling. 

Cooling 
method 

Cooling 
section area 

Cooling water 
flow rate 

Water 
cooling 

70 area % 
217 mL/min 
422 mL/min 
621 mL/min 

 
2. 3. Evaluation Methods 

The heat transport performance of MLFHP was 
evaluated using the thermal resistance 𝑅𝑡ℎ , defined in 
Eq. (3): 
 

𝑅𝑡ℎ =
𝑇ℎ − 𝑇𝑐

𝑄𝑛𝑒𝑡
 [K W⁄ ] (3) 

𝑄𝑛𝑒𝑡 = 𝑄𝑖𝑛 − 𝑄𝑙𝑜𝑠𝑠 [W] (4) 
 
where 𝑇ℎ  and 𝑇𝑐  are the average temperatures at the 
heating section (𝑇ℎ1 and 𝑇ℎ2) and the cooling section (𝑇𝑐1 
and 𝑇𝑐2 ), respectively, calculated over a 5-min period 
after reaching steady state. According to Eq. (4), the net 
heat input 𝑄𝑛𝑒𝑡 supplied from the heater to the MLFHP 
was obtained by subtracting the heat loss to the ambient 
air 𝑄𝑙𝑜𝑠𝑠, from the total heater power 𝑄𝑖𝑛. 

The value of 𝑄𝑙𝑜𝑠𝑠 was determined from a heating 
experiment using a solid aluminum plate, as shown in 
Fig. 3. Since the thermal conductivity of aluminum 𝜆𝐴𝑙(=
222 W/(m∙K)) is known, both the net heat input and the 
heat loss in the heating experiment were calculated 
using Eq. (5). 
 

𝑄𝑛𝑒𝑡 = 𝜆𝑎𝑙𝐴
𝑇𝐵 − 𝑇𝐴

𝐿𝐴𝐵
 [W] (5) 

𝑄𝑙𝑜𝑠𝑠 = 𝑄𝑖𝑛 − 𝑄𝑛𝑒𝑡 [W] (6) 
 
where, 𝐴  is the cross-sectional area of the solid 
aluminum plate, 𝑇𝐴 and 𝑇𝐵 are the average temperatures 
at measurement points A and B, and 𝐿𝐴𝐵 is the distance 
between the two measurement points. 

It was assumed that 𝑄𝑙𝑜𝑠𝑠 depends on the 
temperature difference between the heating section (𝑇ℎ) 
and the ambient air (𝑇𝑎𝑡𝑚). This correlation is shown in 
Fig. 4. As can be seen, 𝑄𝑙𝑜𝑠𝑠 was proportional to (𝑇ℎ −
𝑇𝑎𝑡𝑚), and thus 𝑄𝑙𝑜𝑠𝑠 can be expressed as: 
 

𝑄𝑙𝑜𝑠𝑠 = 0.0678(𝑇ℎ − 𝑇𝑎𝑡𝑚) [W] (7) 
 

The heat transfer coefficients for the heating and 
cooling sections (ℎℎ and ℎ𝑐, respectively) are defined as 
a heat transfer characteristic as follows: 
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ℎℎ =
𝑞ℎ

∆𝑇ℎ
=

𝑄𝑛𝑒𝑡 𝑆ℎ⁄

𝑇ℎ − 𝑇𝑎
 [W (m2 ∙ K)⁄ ] (8) 

ℎ𝑐 =
𝑞𝑐

∆𝑇𝑐
=

𝑄𝑐 𝑆𝑐⁄

𝑇𝑎 − 𝑇𝑐
 [W (m2 ∙ K)⁄ ] (9) 

 
where 𝑞ℎ  (= 𝑄𝑛𝑒𝑡 𝑆ℎ⁄ )  and 𝑞𝑐  (= 𝑄𝑐 𝑆𝑐⁄ )  represent the 
heat fluxes in the heating and cooling sections, 
respectively, and 𝑆ℎ and  𝑆𝑐 are the surface areas of each 
section. 𝑄𝑐  is the heat dissipation by the cooling water, 
calculated from the temperature difference between the 
inlet and outlet of the cooling water. ∆𝑇ℎ (= 𝑇ℎ − 𝑇𝑎) and 
∆𝑇𝑐  (= 𝑇𝑎 − 𝑇𝑐)  refer to the temperature difference 
between the heating and insulating sections and 
between the insulating and cooling sections, respectively. 
𝑇ℎ , 𝑇𝑎 , and 𝑇𝑐  are the average temperatures of the 
heating, insulating, and cooling sections, respectively. 

The experimental data accuracy was evaluated 
using the following equations: 
 

∆𝑅𝑡ℎ

𝑅𝑡ℎ
=√{

𝛿(∆𝑇)

∆𝑇
}

2

+ (
𝛿𝑄

𝑄
)

2

 (10) 

𝛿ℎ

ℎ
=√{

𝛿(∆𝑇)

∆𝑇
}

2

+ (
𝛿𝑄

𝑄
)

2

+ (
𝛿𝑆

𝑆
)

2

 (11) 

 
The measurement uncertainty of the temperature 
difference between the heating and cooling sections was 
at most ±18%, while that of the heater input power was 
±0.42%. Therefore, the uncertainty of the thermal 
resistance was estimated to be ±18%. Neglecting the 
measurement uncertainty of the heating and cooling 
surface areas, the uncertainties of the temperature 
difference between the heating and insulating sections 
and between the insulating and cooling sections were 
estimated to be at most ±20% and ±8%, respectively. 
Consequently, the uncertainties of the evaporation and 
condensation heat transfer coefficients were estimated 
to be ±20% and ±8%, respectively. 

These changes were beyond the uncertainty range, 
indicating that the observed performance differences 
originated from the physical behavior of the working 
fluid rather than experimental error. Therefore, the 
conclusions regarding the optimum filling ratio and the 
influence of cooling conditions remain valid within the 
estimated uncertainty. 
 

 
Figure 3. Details of the solid aluminum plate used 

in the preliminary experiment. 

 

 
Figure 4. Heat loss to ambient air. 

 
2. 4. Preliminary Experiment 

Figure 5 shows the thermal resistance obtained 
from three repeated experiments conducted under 
identical conditions to verify the reproducibility of the 
heat transport performance of the MLFHP. The 
horizontal axis represents the net heat flux, which was 
calculated by dividing the net heat input by the heating 
area. The heat exchange section ratio was set to 20 area 
% for the heating section and 50 area % for the cooling 
section. As shown in the figure, a slight variation was 
observed around a net heat flux of 0.2 W/cm², whereas 
the difference in thermal resistance among the three 
experiments decreased at net heat fluxes above 0.2 
W/cm². This indicates that the reproducibility of the 
MLFHP improved with increasing net heat flux. 
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Figure 5. Experimental results 
to verify data reproducibility. 

 

3. Results and Discussion 
3. 1. Comparison of the MLFHP at Different Filling 
Ratios (50 vol.% and 10 vol.%) under Natural Air 
Cooling 

Figure 6 shows the temperature time histories of 
the MLFHP at filling ratios of 50 vol.% and 10 vol.%. The 
net heat flux and the temperature difference between the 
heating and cooling section are also indicated in the 
figures. At any heat load, the temperature difference was 
smaller at 10 vol.% than at 50 vol.%. In particular, the 
final temperature difference was 5.1 K at 50 vol.%, 
whereas it was reduced to 1.6 K at 10 vol.%. Focusing on 
the temperature behaviors, distinct temperature 
oscillations characteristic of PHPs were observed at 50 
vol.%, while the temperature profile at 10 vol.% was 
smoother and more stable compared to that at 50 vol.%. 
A possible reason for the less pronounced oscillations at 
10 vol.% is that, unlike conventional operating 
mechanisms, the dominant heat transfer process is 
latent heat transport associated with the phase change of 
the working fluid. 

Figure 7 presents the thermal resistances at each 
filling ratio, with the horizontal axis representing the net 
heat flux. The results show that, for all heat inputs, the 
thermal resistance at 10 vol.% was lower than that at 50 
vol.%. The minimum thermal resistance at 10 vol.% was 
0.16 K/W, which represents a reduction of 
approximately 80% compared with the minimum value 
of 0.80 K/W obtained at 50 vol.%. 
 

 
(a) 50 vol.% 

 
(b) 10 vol.% 

Figure 6. Temperature time histories at each filling ratio. 

 

 
Figure 7. Thermal resistances at each filling ratio. 

 
3. 2. Forced Air Cooling 

In this section, the heating section temperature 
was used as the main evaluation parameter, as the focus 
is on suppressing temperature rise under high heat flux 
conditions. 
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3. 2. 1. Comparison of the MLFHP at Different Filling 
Ratios 

Figure 8 shows the heating section temperatures 
at different filling ratios under forced air cooling, where 
the air velocity of the fan was set to 0.80 m/s. The 
horizontal axis represents the net heat flux. The heat 
exchange section ratios were fixed at 20 area % for the 
heating section and 70 area % for the cooling section. As 
shown in the figure, at all heat inputs, the heating section 
temperature at 10 vol.% was lower than that at 50 vol.%, 
indicating better heat transport performance at the 
lower filling ratio. This is because, at 10 vol.%, latent heat 
transfer associated with phase change dominated the 
heat transport process, effectively suppressing the 
temperature rise in the heating section compared with 
the 50 vol.% condition. 
 

 
Figure 8. Heating section temperatures 

at different filling ratios with an air velocity of 0.80 m/s. 

 
3. 2. 2. Effect of Air Velocity 

Figure 9 shows the temperature time histories 
obtained under forced air cooling, where the air velocity 
was set to 0.80 m/s and 1.31 m/s. The applied heat flux, 
expressed as the input power per unit heating area, is 
also indicated in the figure. At an air velocity of 0.80 m/s, 
smooth temperature profiles were observed at both the 
heating section and cooling sections for all heat loads. In 
contrast, at an air velocity of 1.31 m/s, oscillations 
appeared in the temperature behavior of the heating 
section within the heat flux range of 4.0–6.0 W/cm². 
Thus, increasing air velocity induced oscillatory 
behavior of the heating section temperature within a 
certain input range. This phenomenon is caused by 
excessive cooling, which promotes condensation of the 

working fluid in the cooling section and leads to liquid 
retention. According to previous studies by the authors, 
under natural air cooling, as the input power increases, 
the velocity of liquid slugs rising from the heating section 
to the cooling section increases, and the condensation 
location shifts upward. A similar rapid movement of 
liquid slugs from the heating section to the cooling 
section can be expected under the high heat flux 
conditions of this experiment. However, under forced air 
cooling, the surface temperature of the cooling section 
decreases, thereby promoting condensation of the 
working fluid even below the cooling section. When 
liquid retained in the cooling section, the liquid supply to 
the heating section becomes restricted. Consequently, 
the heating section experiences a temporary liquid 
deficiency, leading to superheating. As the superheating 
increases the thermal driving force, the stagnant liquids 
are set into motion and supplied to the heating section. 
Repetition of this process is thought to cause the 
observed temperature oscillations in the heating section. 
Moreover, it can be seen from the figure that the 
oscillations were suppressed as the heat load increased. 
 

 
(a) 0.80 m/s 

 
(b) 1.31 m/s 

Figure 9. Temperature time histories 
for each air velocity condition. 
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Figure 10 presents the heating section 
temperature for each air velocity condition, with the 
horizontal axis representing the net heat flux. Above 6.0 
W/cm², the heating section temperature increased with 
heat load, but the rate of increase became more gradual 
at higher air velocity. At 1.31 m/s, the maximum 
allowable heat flux before the heating section 
temperature reached approximately 120°C was about 
24% higher than that at 0.80 m/s, indicating improved 
tolerance to high heat flux conditions. 
 

 
Figure 10. Heating section temperature 

for each air velocity condition. 

 
3. 3. Water Cooling 

To gain a more detailed understanding of the heat 
transfer characteristics of the MLFHP, the heat transfer 
performance was evaluated separately for the heating 
and cooling sections. 
 
3.3.1. Comparison of the MLFHP at Different Filling 
Ratios 

Figure 11 shows the heating section temperatures 
at different filling ratios under water cooling. The cooling 
water flow rate was 217 mL/min for the 10 vol.% case 
and 229 mL/min for the 50 vol.% case. The horizontal 
axis represents the net heat flux. Similar to the results 
under forced air cooling (Section 3.2.1), the heating 
section temperature at 10 vol.% was consistently lower 
than that at 50 vol.% over the entire range of heat inputs, 
indicating superior heat transport performance at the 
lower filling ratio. This tendency suggests that, at 10 
vol.%, latent heat transfer associated with phase change 
dominated the heat transport process, effectively 

suppressing the temperature rise in the heating section 
compared with the 50 vol.% condition. 
 

 
Figure 11. Heating section temperatures 

at different filling ratios (flow rates: 
217 mL/min for 10 vol.% and 229 mL/min for 50 vol.%). 

 
3. 3. 2. Effect of Cooling Water Flow Rate 

Figure 12 shows the temperature time histories 
obtained under water cooling, where the cooling water 
flow rate was set to 217 mL/min and 621 mL/min. In 
both cases, the inlet temperature of the cooling water 
was maintained constant at 40℃. The applied heat flux is 
also indicated in the figure. As shown in Figure 12, when 
the flow rate increased from 217 mL/min to 621 
mL/min, the maximum allowable heat flux before the 
heating section temperature reached approximately 
120°C increased by about 19%. On the other hand, at 621 
mL/min, pronounced fluctuations were observed in the 
temperature profiles of both the heating and cooling 
sections. The largest temperature oscillations occurred 
under a heat flux of about 11 W/cm². 
 

 
(a) 217 mL/min 
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(b) 621 mL/min 

Figure 12. Temperature time histories at each flow rate. 

 
Figure 13 presents the condensation and 

evaporation heat transfer coefficients at each flow rate, 
with the horizontal axis representing the net heat flux. 
Both coefficients tended to decrease with increasing 
water flow rate. This is due to excessive cooling, which 
caused liquid retention in the cooling section (as 
discussed in Section 3.2.2). With increasing water flow 
rate, the wall temperature of the cooling section 
decreased, promoting condensation of the vapor inside 
the MLFHP. Although part of the generated liquid 
drained downward due to gravity, when the 
condensation rate exceeded the drainage capacity, the 
cooling section surface became covered with a liquid 
film, thereby reducing condensation heat transfer. 
Furthermore, in this state of liquid retention, the supply 
of liquid to the heating section was restricted, which also 
reduced evaporation heat transfer. In addition, Figure 13 
shows that for both flow rate conditions, the 
condensation heat transfer coefficient increased 
monotonically with the net heat flux, whereas the 
evaporation heat transfer coefficient increased and then 
sharply decreased. These results indicate that increasing 
the water flow rate induced temperature oscillations and 
particularly affected evaporation heat transfer. 
 

 
(a) Condensation heat transfer coefficients. 

 
(b) Evaporation heat transfer coefficients. 

Figure 13. Heat transfer coefficients at each flow rate. 

 
3. 3. 3. Cooling Test at Constant Heat Input 

In the previous section, based on the heating test 
results, it was discussed that excessive cooling caused 
liquid retention in the cooling section, which restricted 
the liquid supply to the heating section. As a result, the 
evaporation heat transfer coefficient decreased and 
temperature oscillations occurred. In this section, to 
evaluate the influence of cooling conditions alone on the 
internal heat transfer characteristics of the MLFHP, 
experiments were conducted in which the heat input was 
kept constant while the cooling water temperature was 
varied. Figure 14 shows the temperature time histories 
at a net heat flux of 10.8 W/cm². The inlet temperature 
of the cooling water is also indicated in the figure. The 
water flow rate was fixed at 226 mL/min. As the cooling 
water temperature decreased, the cooling section 
temperature decreased, whereas the heating section 
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temperature slightly increased. Consequently, the 
temperature difference between the heating and cooling 
sections widened. Along with this, temperature 
oscillations appeared, and the oscillation amplitude 
tended to increase at lower cooling water temperatures. 

Figure 15 presents the evaporation and 
condensation heat transfer coefficients under varying 
cooling water temperatures, with the horizontal axis 
representing the temperature difference between the 
heating and cooling sections. Both coefficients decreased 
as the temperature difference increased. Since the heat 
input was kept constant, the amount of heat supplied to 
the heating section did not change. Therefore, the 
reduction in evaporation heat transfer coefficient was 
mainly attributed to changes in the cooling conditions of 
the condenser. It is thus inferred that lowering the 
cooling section temperature reduced the evaporation 
heat transfer coefficient and induced oscillations in the 
temperature behavior. 
 

 
Figure 14. Temperature time history 

at a net heat flux of 10.8 W/cm². 

 

 
Figure 15. Heat transfer coefficients 

under varying cooling water temperatures. 

4. Conclusion 
In this study, the thermal transport characteristics 

of the MLFHP under various cooling conditions were 
evaluated, focusing on its ability to suppress 
temperature rise at hotspots under high local heat flux 
conditions. Based on the overall results, the main 
conclusions of this study can be summarized as follows: 
1) At a filling ratio of 10 vol.%, the MLFHP exhibited 

significantly lower thermal resistance than at 50 

vol.% under natural air cooling, achieving a 

minimum value of 0.16 K/W, which represents an 

80% reduction compared to the conventional 

condition. 

2) Under forced air cooling, increasing air velocity 

improved the maximum allowable heat flux by 

approximately 24%. However, excessive cooling 

promoted condensation in the cooling section, 

leading to liquid retention and temperature 

oscillations in the heating section. 

3) Under water cooling with constant heat input, 

variations in the cooling water temperature 

significantly affected the evaporation heat transfer 

coefficient. 

Overall, the MLFHP demonstrated excellent heat 
transport capability and high tolerance to heat flux. 
However, under strong cooling, condensation-induced 
oscillations were observed, indicating the need to 
optimize cooling intensity and filling ratio to achieve 
both effective heat removal and stable operation. 
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